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Abstract 
 
One of the major objectives during the development process is to reduce costs and time to market. 
Increasing computational power and continuous improvements of models for internal combustion 
engine applications promise to replace some optimisation steps by computer simulations. A 
prerequisite for that is that trends can be reasonably predicted and that calculations adequately 
incorporate the physics to support the understanding of the complex processes involved. 
 
Different simulation tools are used depending on the objectives of a specific calculation. These 
tools can be distinguished by the complexity of the models, where the model depth, the information 
content and the computational time demand vary significant.  
 
In this paper three types of combustion models are presented. An empirical model was developed 
based on experimentally determined burn rates to predict engine behaviour for a wide range of 
operating conditions. Extensive parameter variations have been investigated. The compression 
ratio was optimised and an accurate turbocharger was found to meet the objectives.  
 
The phenomenological model can be used to predict engine behaviour and to additionally support 
the understanding of the experimental results. The burning behaviour for two combustion chamber 
designs was explained by analysing the flame front area.  
 
3-Dimensional calculations were used to support the findings for some single engine operating 
points and allowed to visualise local effects.  
 
During a collaborative project (CEV) for developing an ultra-low-emission vehicle gas engine [4] 
among other measures the compression ratio was increased to reduce fuel consumption and to 
utilise the favourable thermo-chemical properties of compressed natural gas. This modification 
influences on one hand the thermodynamic process and on the other hand the combustion 
chamber geometry and therefore the flame propagation. The different simulation tools will be 
discussed and compared in the frame of this specific application.  
 



1. Introduction 

One of the major challenges for the next few years will be to reduce CO2-emissions in the mobility 
sector. Agreements have been made between public authorities and car manufacturers [3] and 
importers [1]. 
 
The CNG (Compressed Natural Gas) vehicle has a high potential for improvement of air quality 
and for significant reductions in CO2-Emissions. The fuel scenario of the European Commission 
until 2020 [2] includes the promotion of natural gas for transportation. Furthermore compressed 
natural gas will help to reduce the dependence on crude oil. 
 
During the CEV (Clean Engine vehicle)-project modifications on a gasoline fuelled engine were 
carried out and contributed to a reduction of CO2-emissions about 30% in monovalent CNG 
operation compared to a gasoline production car with equivalent performance. Furthermore, the 
CEV fulfils the European EURO 4 and the Californian Super-Ultra-Low-Emission-Vehicles 
(SULEV) emission standards. The engine was operated with λ=1 in the whole map. New catalyst 
converters dedicated to CNG operation have been applied.  
 
This project was a collaboration among the EMPA Dübendorf and the ETH Zürich. VW Wolfsburg, 
Bosch, Corning and Engelhard were the industrial partners. The project was funded by the Swiss 
Federal Office of Energy, the Swiss Gas and Water Industry Association SVGW, the German 
technical and scientific organization on Gas and water DVGW and by the Austrian Gas and Water 
Industry Association ÖVGW. 
 
The overall strategy of the CEV focused on increasing the part load efficiency. The compression 
ratio was increased to reduce fuel consumption, thus the compression ratio had to be optimised. 
Due to the power loss in CNG operation at full load an adequate turbocharger was installed. The 
high octane number of compressed natural gas allowed driving the engine with high compression 
ratio and turbocharger. Further reductions in CO2-Emission could be achieved by changing the 
transmission and optimising the EGR distribution in the intake manifold whereon the EGR-Rate 
was increased. All these modifications offer a lot of possible driving strategies. Simulation tools 
have been utilised successfully to find the optimal strategy.  

2. Applied simulation tools 

For the backward calculation – that means the calculation of the burn rate based on measured 
cylinder pressure data - the LAV code WEG was used. For the forward calculation GT-Power was 
used where the empirical and the phenomenological models integrated by user subroutines 
replaced the standard combustion models. All these codes use a two zone model for the 
thermodynamic in-cylinder process. The 3D code applied was StarCD.  

3. Project engine  

All the tests were performed on a 4 cylinder 1-liter engine with two valves per cylinder. The 
compression ratio of the production engine is ε=10.7 and it is equipped with an EGR system 
without cooling. Bore and stroke are 67.1mm and 70.6mm, respectively.  
 
 



4. Combustion basics 

For the empirical model, a Vibe curve was used to approximate the burn rate, whereas global 
approaches for the flame speed, the in-cylinder turbulence and the flame front area have been 
introduced for the phenomenological case. The standard models of StarCD were used for the 3D 
calculations.  

4.1. Empirical combustion model 

The empirical combustion model is based on the conversion of the Vibe parameters depending on 
the engine operating conditions. Starting from a fixed engine operating point one parameter is 
changed while the others are kept constant. By analysing the burn rate from measured cylinder 
pressure curves and adjusting the Vibe parameters to match these experimental data, rules can be 
defined how the burn rate has to be changed for each of the investigated engine parameter. The 
resulting conversion factors for the Vibe parameters are obtained by superposing the individual 
effects. 
 
Existing “Vibe parameter conversion”-models have been developed for gasoline engines [5], [9] or 
for lean burn natural gas engines [10] and have been tested successfully. A fast and simple 
empirical combustion model for stoichiometric natural gas engines for automotive applications is 
missing. 
 
The burn rate is defined by the total amount of fuel mass mF, a rate of change of a combustion 
progress variable xB and the lower heating value HL: 
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The combustion progress variable introduced by Vibe is defined as: 
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where a=-6.908 corresponds to a combustion efficiency of 99.9%. yB denotes the normalised 
combustion duration: 
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With: φ=current crank angle, φS=crank angle at combustion start, φE=crank angle at combustion 
end 
 
The following parameters have been varied to match experimental data using Matlab’s 
lsqnonlin-function which solves non-linear least square problems: 
 
• Ignition delay: φID=φxB(φ)=5%-φspark timing  
• Burn duration: φBD=φxB(φ)=90%-φxB(φ)=5% 
• Shape parameter mV 
 



Some physically based criterions have been defined to constrain the possible parameter ranges: 
• The crank angle where 50% of the fuel mass is burned must agree 
• Because the experimental data could not been matched very well in the late combustion period 

the shape of the cumulative burn rates should agree until the combustion progress reaches 
70%. 

 
Finally, the overall Vibe parameter conversion can be described by normalising the dependencies 
with a known reference state. The model can be defined as follows: 
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Eq. 4.4

 
The effects of the residual gases, the spark timing, the engine speed and the engine load 
represented by the brake mean effective pressure are considered as the indices in Eq. 4.4 
indicate. This model formulation includes the assumption that the individual effects are 
independent.  
 
Starting from a reference state - where the Vibe parameters are known - the redefined combustion 
parameters can be determined with this set of equations.  

4.2. Phenomenological combustion model 

In a phenomenological way the burn rate can be described by a propagating premixed flame front 
and is defined by the density of the unburned mixture ρU, the air to fuel ratio λ·AFST - with the 
stoichiometric air to fuel ratio AFST -, the turbulent flame speed ST, the turbulent flame front area 
AT, the expansion factor Ex and the lower heating value HL: 
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It can be seen from Eq. 4.5 that the turbulent flame speed and the turbulent flame front area have 
to be modelled in this formulation. In this study, experimentally determined burn rate curves are 
assumed to act as input parameters. This provides to define a flame front area by reversing Eq. 
4.5: 
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The density ρU was taken from the backward calculation and Gülder’s [6] approach for the 
turbulent flame speed was used:  
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The turbulent Reynolds number is defined in Eq. 4.8. The viscosity of the unburned mixture was 
calculated according to Sutherland’s formula:  
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The turbulence intensity u’ was calculated from a one equation energy balance for the turbulent 
kinetic energy, where the turbulence production due to compression kcomp, the dissipation kdiss, the 
turbulence production due to the squish flow ksq and the intake flow kin are considered.  
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For this application isotropic homogenous turbulence is assumed. Therefore, the turbulence 
intensity can be expressed as 
 

 ( )2 2 2 21 3 2' ' ' ' '
2 2 3x y zk u u u u u k= ⋅ + + = → = Eq. 4.10

 
Due to the expansion of the burnt gas the flame front propagates with a higher speed then the 
turbulent burning speed sT. This is taken into account by the expansion factor Ex [7]: 
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Where ρB denotes the density of the burnt mixture and xB is the combustion progress variable.  

4.3. The Weller flame area model 

The Weller model is a flame area model where a wrinkling factor Ξ defines the flame surface  
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where ∑  and 

l∑  are the volumetric average turbulent flame area and laminar flame area, 
respectively.  
 



In StarCD the equilibrium version of the Weller flame propagation is implemented. This means that 
the transport equation for the wrinkling factor is simplified to it’s equilibrium formulation with a 
wrinkling generation factor G and a removal rate coefficient R: 
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Under these circumstances the equilibrium value Ξeq is equal to the turbulent to laminar flame 
speed ratio which is described with Damköhler’s correlation:  
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The parameter A is a model coefficient and u’ is the turbulence intensity. Keck and Methgalchi’s 
approach for the laminar flame speed, the unstrained laminar flame speed, is used, where the 
coefficients are adjusted depending on the equivalence ratio of the fuel: 
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where p is the pressure and T the temperature, the subscripts 0 and U denote unburned and 
reference gas properties, respectively.  
 
To take into account the laminar flame behaviour during the early stages of flame propagation Ξ is 
modelled by a time delay function: 
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tsp is the spark timing, ε
ντη =  is the Kolmogorov time scale and td is a time delay coefficient.  

 
The mean reaction rate for the regress variable b, which is the normalised fuel mass fraction, is 
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Yu is the mass fraction of the unburned mixture and for the regress variable b - which is 1 in the 
unburned and 0 in the burnt gas - a transport equation is defined. 
 
In this study the parameters td and A have been varied to match experimental data.  



5. Results 

5.1. Empirical combustion model 

To test the empirical model 18 operating points have been chosen where the first nine points are 
without EGR and the second nine points are with EGR. From the experimentally determined burn 
rates the 5% burning point, the 50% burning point and the burn duration defined as 5% to 90% 
have been compared. Furthermore, from Eq. 4.4 it can be seen, that the results may depend on 
the reference state whereas this effect was investigated by testing three operating points as 
reference.  
 
Before the results will be discussed it should be mentioned that the determination of the EGR rate 
by measuring the CO2 concentration in the intake manifold was quite uncertain for this small 
engine. When the exhaust gas analyser was turned on the throttle angle had to be adjusted to 
keep the brake mean effective pressure due to the analyser to engine mass flow ratio. This effect 
could be observed especially for low load operating conditions.  
 
Figure 1 shows the comparison between experiment and calculation for the 5% burning point. As 
mentioned before the results depend on the chosen reference point. The denotation in the legend 
consists of two numbers. The first indicates the rpm and the second the brake mean effective 
pressure in bar. For all these calculations the trends agree very well, whereas the variations and 
the differences increase for the operating points with EGR. 
 

 
Figure 1: Experimentally determined and calculated 5% burning point 

Figure 2 shows the results for the burn duration where the trends again agree quite well and the 
variations increase when EGR is turned on. 



 
Figure 2: Experimentally determined and calculated burn duration 

 
A similar behaviour was found for the 50% burning point. It has to be considered that these 
differences are a consequence of the variations of the 5% burning point and the variations of the 
burn duration. Nevertheless, the trends agree quite well, where most of the points are within a 
difference of 6 crank angles. 
 

 
Figure 3: Experimentally determined and calculated 50% burning point 

A possible reason for the reference point sensitivity can be found if the dependencies on the 
engine parameters are examined. The following picture shows the experimentally determined burn 
durations as a function of the engine speed. Furthermore, the resulting burn durations are plotted 
when the three reference points are applied: 



 
Figure 4: Burn duration as a function of engine speed (grpm) 

If for example an operating point with n=2000rpm is chosen as reference point, the burn duration 
will be too long for all other engine speeds. This may be the reason for the results illustrated in 
Figure 2. It has to be considered that the resulting Vibe parameters are a product of different 
dependencies (Eq. 4.4). Similar sensitivities were found for the ignition delay.  
 
Finally, Figure 5 compares the indicated mean effective pressure. Excluding operating point 
number 13 most of the investigated operating points are within an acceptable difference. For test 
number 13 it is assumed that the experimentally determined EGR rate is too low where the 
behaviour of 5% burning, of the 50% burning points, the burn duration and the air mass flow rate 
confirm this assumption.  

 
Figure 5: Relative error for the indicated brake mean effective pressure  

 



However, applying the empirical model the effect of higher compression ratios was investigated. 
From the combustion chamber design it was known that a compression ratio up to ε=13.5 was 
practicable by changing the piston bowl. The first calculations – where the spark timing was kept 
constant – indicated that the compression ratio should be increased to ε=13.5. Further 
optimisations have been determined by varying the spark timing to see the potential.  
 
Based on these calculations new pistons were installed to change the compression ratio of the 
engine to ε=13.5. Figure 6 shows the comparison for four operating points for the prediction with 
the empirical model and the engine test bench results based on the measurements with ε=10.7. 
The numbers on the x-axis indicate again the rpm and the bmep, respectively.  
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Figure 6: Prediction vs. Experiment for four operating points and ε=13.5, reference point for the 

simulation n=4000rpm, bmep=5bar 

Due to the simple model formulation geometrical changes can not be taken into account and 
therefore the phenomenological model was employed to learn more about the combustion 
behaviour for these two combustion chamber designs.  

5.2. Phenomenological combustion model 

In Figure 7 the cumulative burn rate curves are compared for one operating point. The engine 
speed, the spark timing and the brake mean effective pressure are the same. As expected, the 
combustion starts earlier with higher compression ratio due to the higher temperature and pressure 
and burns faster in the early combustion period. From 10 crank angle after top dead centre the 
burning speed seems to decrease and finally the higher compression ratio case burns slower.  
 



 
Figure 7: Cumulative burn rate curves for two combustion chamber designs, n=3000rpm, 

bmep=4bar, spark timing=40°BTDC 

 
Eq. 4.6 was applied to learn more about the flame front area. Figure 8 compares these areas for 
both combustion chamber designs. Due to the smaller combustion chamber volume the flame front 
area is smaller when the compression ratio is increased. Furthermore, the curves cross at -13.5 
crank angle.  
 

 
Figure 8: Flame surface for two combustion chamber designs, n=3000rpm, bmep=4bar, spark 

timing=40 crank angle BTDC 

 
To determine this behaviour spherical flame propagation was assumed and a radius of a sphere 
was calculated. In Figure 9 a sphere with the corresponding radius is drawn into the combustion 



chamber. At this time, where the flame front area curve flattens and the burn rate slows down, the 
flame impinges the piston.  
 

ε=10.7, CA=-13.5° ε=13.5, CA=-13.5° 

Figure 9: „Flame visualisation“ in the combustion chamber at -13.5 crank angle 

This observation was very helpful to understand the combustion behaviour of the high compression 
ratio engine and it is encouraging that these effects could be observed by using the 
phenomenological combustion model. The vehicle tests from the roller test bench became 
comprehensible.  
 
Based on the development illustrated in [8] a characteristic shape of the flame front area curves 
was found for both combustion chamber geometries. 
 

 
Figure 10: Characteristic flame front area curves for ε=10.7 and ε=13.5 

While changes in combustion chamber geometry are not considered in the empirical model it 
should overestimate the advantage of an increasing compression ratio. Due to GT-Power’s friction 
model – the model takes into account the peak cylinder pressure and not the brake mean effective 
pressure as most of the friction models do - the friction of the engine increases for higher 
compression ratios. On the test bench this was actually not the case.  
 
The phenomenological model will be implemented into GT-Power in the near future to have the 
possibility to do forward calculations and it will be compared with the empirical combustion model.  

-- ε=10.7 

-- ε=13.5 



5.3. 3D calculations 

Since the combustion chamber has no optical access this result has been validated using 3D 
calculations. The Weller flame area model described in section 4.3 was employed. The model 
parameters have been varied to obtain agreement between experiment and simulation. The 
parameters A and τd had to be adjusted for both combustion chamber designs and are different for 
the two setups. Figure 11 shows the comparison of the cumulative burn rates and Figure 12 the 
burn rates: 
 

ε=10.7 ε=13.5 

Figure 11: Cumulative burn rate curves calculated with the 3D CRFD code 

 
ε=10.7 ε=13.5 

Figure 12: Burn rate curves calculated with the 3D CRFD code 

The regress variable was visualised at CA=-13.5° to compare the results with the 
phenomenological model. In Figure 13 half of the combustion chamber can be seen. The flame 
impinges the piston in the ε=13.5 case at this time. The dark blue colour and the red colour 
indicate burnt mixture and unburned mixture, respectively. These pictures are in good agreement 
with the observed burning behaviour shown in Figure 7.  
 
 



 
ε=10.7, CA=-13.5° ε=13.5, CA=-13.5° 

Figure 13: Combustion behaviour at -13.5 crank angle  

Comparing the 3D calculation results with the observations made with the phenomenological 
model it can be noticed that the results seem to be meaningful. 

6. Conclusions 

Three types of combustion models for different applications within the development process of a 
new supercharged ultra-low-emission natural gas engine have been presented in this paper. An 
empirical combustion model was used to predict fuel consumption for different engine driving 
strategies where it was observed that global qualitative trends can be predicted quite well. To 
obtain more information about the combustion behaviour a phenomenological combustion model 
was used and the flame front area has been calculated and analysed. This allowed clarifying how 
the piston geometry affects the flame propagation. These results have finally been confirmed by 
detailed 3-Dimensional calculations of the in-cylinder processes.  
 
Every class of model can be applied in a meaningful way. The application depends on the 
objectives of the specific stage during the research and development process.  
 
The empirical models can be used when computational time demand is critical. On the other hand, 
these models can not take into account parameter changes when extrapolating trends, because 
they are based on limited physical insights.  
 
The phenomenological models in contrast do consider to some degree physicochemical and 
geometric effects during combustion. These models have therefore the potential to be useful in 
understanding and predicting fluid mechanical phenomena for extended deviations from measured 
operating conditions. They however also need some calibration through experiments.  
 
The 3-Dimensional calculations revealed interesting local effects of flame propagation in support of 
the phenomenological model. Although not free of model parameters adjustment, this class of tools 
can be used nowadays efficiently to interpret and understand in-depth experimental findings and 
partially to predict changes of parameters, which are out of reach for the other two groups of 
models. 
 
The final conclusion of this work is that every class of model is tailored to specific needs of the 
product development process which can be significantly accelerated if a synergetic approach 
combining targeted experiments and different computational models is carefully selected for each 
specific application.  
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